There are a substantial amount of waste heat through exhaust gas and coolant of an internal combustion engine. Organic Rankine cycle is one of the opportunities in in-
Introduction
Considering the climate change and the shortage of non-renewable energy resources, the interests in waste heat recovery has been growing remarkably, especially during the past decade [1, 2] . Waste heat recovery from internal combustion engines (ICE) is one of the opportunities for economizing of energy consumption. In an ICE, a great amount of fuel energy is wasted in form of heat due to thermal limitations. Roughly one-third of fuel energy is converted to mechanical power and the rest is released to the ambient in form of heat. For example, for a spark ignition 1.4 liter ICE with thermal efficiency of 15 to 32%, 1.7 to 45 kW of energy is wasted through coolant in radiator and 4.6 to 120 kW of energy is wasted by the exhaust gas [3] . Different methods have been recommended for waste heat recovery from ICE; such as thermoelectric, absorption refrigeration system, and organic Rankine cycle (ORC). For example in 2011 Ramesh Kumar et al. [4] have studied thermoelectric method in exhaust gas waste heat recovery of a three cylinder spark ignition engine through an experimental test. Waste heat recovery using ORC is an efficient method compared with the other techniques; so automobile manufacturers use this method to enhance the efficiency of their products [5] [6] [7] . In 2007, Hountalas et al. [8] investigated efficiency of a heavy diesel engine using the methods of heat recovery from exhaust gas. These methods include mechanical turbo compounding, electrical turbo compounding and steam Rankine cycle. In 2010 Farzaneh-Gord et al. [9] investigated heat recovery from a 1.7 liter natural gas powered internal combustion by CO 2 transcritical power cycle. Many researchers have been performed about using different working fluids, different configurations of Rankine cycle, and improving the system components during the recent years [10] [11] [12] [13] [14] [15] [16] . In 2009, Dai et al. [17] studied the effect of using different fluids on the heat recovery Rankine cycle and optimized the thermodynamic parameters like exergy efficiency for the studied working fluids. Vaja and Gambarotta [18] studied the effect of various working fluids on the efficiency of Rankine cycle used for waste heat recovery. Tahir et al. [19] investigated the effect of using Rotary-Vane Type expander on the efficiency of Rankine cycle used for waste heat recovery. Srinivasan et al. [20] examined the exhaust waste heat recovery potential of a high-efficiency, low-emissions dual fuel low temperature combustion engine using an ORC.
In this study, the various waste heat resources were investigated in a 12-liter compression ignition engine; then, two different configurations of Rankin cycle were introduced for simultaneous heat recovery from the studied engine coolant and exhaust gases: Preheat and two-stage configurations. A parametric optimization process was considered for each configuration. The objective functions used in optimization process were the power generation and the cycle thermal efficiency. The optimum conditions for all studied working fluids (R-134a, R-123, and R-245fa) and both configurations were investigated under engine speed of 1800 rpm and engine load of 100%. Finally, under optimum conditions parameters such as hybrid power generation and fuel consumption reduction were studied and compared for both configurations at the operating engine speeds (800 to 2100 rpm). It's worth to mention that the power generated by these systems converted to electricity and can be used to remove parasitic loads from the engine.
A program was developed in MATLAB software to perform computations needed in this study. This program was dynamically linked to engineering equation solver (EES) software to obtain the thermodynamic properties of fluids.
System description

ICE considered in the investigation
In this study, a commercial engine applied in vehicles was used for heat recovery. This is a 12-liter, compression ignition, six-cylinder engine with linear arrangement. The studies were performed with engine load of 100% and engine speeds of 800 to 2100 rpm that consumes gas oil. Its technical characteristics and the fuel specifications were presented in tab. 1. 
Organic Rankine cycle
Considered configurations of Rankine cycle in the investigation
Using an adaptable configuration corresponding to the heat sources is one of the methods to improve the performance of co-generation system. Various configurations have been presented for heat recovery using ORC. Some of them are simple, preheat, and regenerated Rankine cycle. The amount of recovered heat and consequently cycle output power for these configurations depend on their characteristics. In this study two different configurations are proposed for simultaneous coolant and exhaust gas heat recovery: Preheat and two-stage configurations.
Preheat configuration. The first configuration presented in this paper was conventional preheat Rankine cycle. As shown in fig. 1 , the working fluid pressure has increased through process 1-2, after that a preheater was used for waste heat recovery from the coolant. The working fluid was preheated in this heat exchanger (process 2-3) then, entered the evaporator and was converted to saturated vapor by absorbing heat from the exhaust gas (process 3-4). After that it entered the expander and generated mechanical power by expanding (process 4-5). As it will be shown in the following sections, due to working fluid mass flow rate limitation, this configuration is unable to absorb the total heat released by the coolant. Thus, an air-cooled heat exchanger should be used to reduce the temperature of coolant before returning the engine.
Two-stage configuration. The second configuration is shown in fig. 2 it is the system rarely used for heat recovery from ICEs until now. Two pumps and one expander with two inlets and one outlet, usually called dual expander, were used in this system. As shown in this figure, in this configuration, the working fluid flows in two different stages with different pressures after leaving the condenser (process 1-2 and 1-3). Low pressure stage relates to heat recovery from the coolant (process 2-4) and another one relates to heat recovery from exhaust gas (process 3-5). Finally, both low and high pressure flows expanded through a dual expander (process 4 an 5-6). Using this configuration, total wasted heat of coolant can be recovered and there is no need to air-cooled heat exchanger for coolant. Using two-stage configuration for Rankin cycle named as "dual pressure steam cycle" was recommended by Wang et al. [21] in 2009 for heat recovery from a cement production factory. They used a dual steam turbine for compression and power generation stage.
Selection of the working fluid
The fluids were categorized based on the slope of their saturation vapor line in T-s diagram into three groups: Wet fluids with positive slope In an ORC utilizing this type of fluid under operation, most of the heat addition and rejection is carried out during change of phase only without the need of regenerative systems and it makes the ORC system a simpler one [22] . Based on the thermodynamic and environmental criteria for working fluid selection, R-134a was selected as the wet working fluid, R-123 was selected as the dry working fluid, and R-245fa was selected as the isentropic working fluid. T-s diagram for the mentioned fluids was shown in fig. 3 their characteristics are tabulated in tab. 2. 
Thermodynamic analysis
To study the considered cycles some assumptions are applied: -the isentropic efficiency of expanders and pumps are assumed to be 80% [23] , -the condenser temperature is assumed to be 35°C, -heat loss in the heat exchangers is assumed to be negligible, -pressure drop in the heat exchangers and pipes are assumed to be negligible, and -the electric generator efficiency is assumed to be 95% [18] .
Generated power and thermal efficiency
Preheat configuration
As shown in fig. 1 , in this configuration, the heat of the coolant was used to preheat the working fluid. Applying energy balance for preheater, required mass flow rate of working fluid was computed as follows: 
Also as shown in fig. 1 , an evaporator was used to absorb the wasted heat from exhaust gas. Mass flow rate of working fluid for heat recovery from exhaust gas was obtained from:
In the eq. (2), T b denotes exhaust gas temperature after heat recovery, in the both preheat and two-stage configurations, it was assumed to be 100°C. Referring to the eqs. (1) and (2), the mass flow rate of working fluid for heat recovery from coolant ( & m wf1 ) is noticeably greater than the corresponding value to absorb heat from exhaust gas ( & m wf2 ). Mass flow rate of working fluid ( & m wf ) was considered as the minimum of these two. Thus, there is a mass flow rate limitation for complete heat recovery from coolant.
The recovered heat values from coolant and exhaust gas are given by:
By applying an energy balance for the expander, the generated power was computed as follows:
In eq. (5), denotes isentropic efficiency of expander and was assumed to be 80%. The 1 st law of thermodynamics efficiency was computed from:
Two-stage configuration
In two-stage Rankine cycle, each stage absorbs heat from one of the two hot sources independently. Thus, there is no problem about mass flow rate limitation. The required mass flow rate of working fluid in the first stage is given as:
The second stage of this configuration recovers the exhaust gas heat. Applying the energy balance, required mass flow rate for the second stage is given as:
Dual expander was employed to generate mechanical power in this configuration. The generated power by this configuration was computed by applying 1 st law of thermodynamics for expander with two inlets and one outlet:
The expander isentropic efficiency (h exp ) was also considered as 80%. The 1 st law of thermodynamics efficiency for two-stage cycle was calculated from:
Heat exchanger effectiveness
Effectiveness concept can be used to evaluate heat exchangers; which is defined as the ratio of actual heat transfer rate in a heat exchanger to the thermodynamically limited possible heat transfer rate in a counter flow heat exchanger.
Maximum heat transfer rate and also heat exchanger effectiveness are given by [24] :
Named as heat capacity rate, & , mC p which in eq. (11) has its minimum amount between hot flow in heat exchange with cold flow.
Engine thermal efficiency and fuel consumption
One of the benefits of co-generation using ORC is the enhancement of engine thermal efficiency. Equations (11) and (12) were used to determine the engine thermal efficiency and in the case of engine bottoming with ORC, respectively, [25] :
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where LHV denotes lower heating value of the fuel considered as 43 MJ/kg. The fuel reduction percentage (FRP) was calculated from:
Thus, the reduction percentage of fuel consumption can be estimated for both configurations.
Parametric optimization
To compare two studied configurations, they have to operate under the best thermodynamic conditions. For this reason, a parametric optimization process was applied for both configurations and all considered fluids. The effects of the expander inlet pressure and the preheating value on the power generation and thermal efficiency were investigated when the expander inlet working fluid was a saturated vapor.
In two-stage configuration, due to different fluid pressures at expander inlets, the stages were optimized by separate processes. In preheat configuration, the optimum temperature of working fluid at preheater outlet should be investigated in addition to find the optimum conditions at the expander inlet. So the system was first investigated without preheater to find the optimum pressure value. After finding the optimum value of expander inlet pressure, the optimum value of working fluid temperature at the preheater outlet was investigated. Enhancing the first stage pressure of two-stage configuration was performed during 100 steps from the condenser pressure to the corresponding pressure with the saturation temperature of working fluid while it is at the same temperature of engine outlet coolant fluid. Enhancing the second stage pressure was also performed during 100 steps from the first stage maximum possible temperature to the critical pressure of studied fluid. In preheat cycle; there is no need to find the expander optimum inlet pressure, because its conditions are similar to the conditions of the second stage of two-stage cycle. Thus, the optimum pressure is known for all fluids, and only the working fluid temperature at the preheater outlet should be investigated. It's noticeable that some limiting conditions were considered during optimization process. These constraints are presented in the following: -the maximum expansion ratio of expander was assumed as 20. Increasing the expansion ratio of expanders increases and then decreases their efficiency; so that for expansion ratio of 20, the efficiency usually has its maximum value equal to 80%, -the maximum effectiveness of heat exchangers used for heat absorption was considered as 80%. In heat exchangers, the required area for heat exchange increases with increasing the exchanger effectiveness; so that up to effectiveness of 80%, the required area for heat exchange increases almost linearly with the effectiveness, thereafter, a little increment in effectiveness results in a noticeable increment in the required area for heat exchange [26] , and -the minimum value of steam quality at the expander outlet was assumed as 90%. The excessive reduction in steam quality and liquid drops formation at the expander outlet inflicts a serious damage to the expander blades. The mentioned constraints were tabulated in tab. 3.
Discussion and results
Two-stage configuration
The effect of first stage pressure on produced power and thermal efficiency
The resultant optimum pressure values of R-134a, R-123, and R-245fa at the first stage were presented in figs. 4 to 6, respectively. Also, effectiveness of the heat exchanger used in the cycle first stage was shown vs. the first stage pressure for all three working fluids in fig. 7 . About the effect of cycle pressure on heat exchangers effectiveness, it is worth to mention that by increment of expander inlet pressure, saturation temperature is increased; so actual transferred heat in heat exchanger is increased, however maximum transferred heat is fixed and as a result heat exchanger effectiveness is increased by pressure increment.
As shown in fig. 4 , for R-134a, increasing the first stage pressure always increases both values of produced power and thermal efficiency. Thus, the optimum pressure value for the first stage corresponding with the maximum work and thermal efficiency was 2.5 MPa. As mentioned before, the heat exchangers effectiveness should not exceed 0.8 during the optimization process. As shown in fig. 7 , corresponding pressure with this value of effectiveness was 2.1 MPa. Thus, the favorable conditions of the first stage with R-134a as the working fluid will be obtained at the pressure of 2.1 MPa. At this pressure, the values of power generation and thermal efficiency were 8.83 kW and 7.6%, respectively. Figure 5 shows the effect of enhancing the first stage pressure on the power generation and thermal efficiency for R-123. For this fluid, the optimum value of the first stage pressure was 0.5 MPa to obtain maximum power and efficiency. Referring to fig. 7 and investigating the heat exchanger effectiveness for this fluid show that this parameter exceeded the allowable value. Thus, the favorable pressure should be changed to 0.38 MPa. At this pressure, the power generation and thermal efficiency are 8.84 kW and 7.65%, respectively. Figure 6 shows the effect of enhancing the first stage pressure on the power generation and thermal efficiency for R-245fa. For this fluid, the pressure values corresponding with the maximum power generation and thermal efficiency are the same, and they are equal to the maximum possible pressure for the first stage, i. e. 0.78 MPa. By investigating the evaporator effectiveness shown in fig. 7 , the optimum pressure for this fluid decreases to 0.62 MPa. The maximum power generation and thermal efficiency for this fluid were 8.6 kW and 7.5%, respectively.
It was found from the results that the values of power generation and thermal efficiency resulted from optimization based on the first stage pressure are approximately the same for the three fluids. The optimum pressure value computed for R-134a is greater than the other two fluids; and thus, the maintenance costs of system for this fluid are greater than the two other fluids.
The effect of second stage pressure on produced power and thermal efficiency
The results obtained for R-134a, R-123, and R-245fa were shown in figs. 8 to 11, respectively. Also, the effects of enhancing pressure on heat exchanger effectiveness, expander expansion ratio, and the steam quality at expander outlet were illustrated in figs. 12 to 14, respectively. The effects of enhancing the second stage pressure on power generation and thermal efficiency for R-134a were shown in fig. 8 . The variations rate of the mentioned two parameters with pressure was illustrated in fig. 9 to obtain a better understanding about their variations with pressure. As shown in this figure, the variations rate is positive up to 2.9 MPa; at this pressure, it is zero; and thereafter it is negative. Thus, both parameters have their maximum value at 2.9 MPa. All constraints are satisfied at this pressure. This is evident referring to fig. 12 for heat exchanger effectiveness, fig.  13 for expander expansion ratio, and fig. 14 for outlet steam quality. At this pressure, the generated work and thermal efficiency of the second stage are 10.51 kW and 5.4%, respectively.
The effect of enhancing the second stage pressure for R-123 was shown in fig. 10 . As shown in this figure, the power and thermal efficiency increase and then decrease with pressure. The pressure corresponding with the maximum power and efficiency was 2.6 MPa. Referring to limiting values presented in figs. 12 to 14, it is observed that the heat exchanger effectiveness is in allowable range. Also, the problem of liquid drops formation at the expander outlet was solved using dry fluid, but the expander expansion ratio exceeded its limit value. Thus, the second stage pressure should decrease to 2.23 MPa. At this pressure, the optimum values of generated work and thermal efficiency are 40.54 kW and 21%, respectively. Figure 11 shows the values of work and efficiency for R-245fa. With this working fluid, the generated power and thermal efficiency increase and then decrease with pressure. The maximum value of the mentioned parameters occurred at 2.6 MPa. The values of all three limiting factors were within their allowable range. The maximum generated power and thermal efficiency were 36.2 kW and 18.25%, respectively.
The ultimate results obtained from the optimization of two-stage cycle were tabulated in tab. 4. As observed in this table, the maximum values of power generation and thermal efficiency were obtained with R-123, and the minimum values of mentioned parameters were obtained with R-134a as the working fluid. Moreover, R-134a needs a higher mass flow rate of working fluid, higher operating pressure, and higher power consumption of pumps in comparison with the other two working fluids. Thus, it's not a good choice for the cycle working fluid. Also, between R-245fa and R-123, the latter has lower operating pressure, higher power generation and thermal efficiency, and lower pump consumption; and thus, it's a better option as the working fluid of two-stage cycle.
Preheat configuration
The effect of preheating on produced power and thermal efficiency Figures 15 to 17 show the effect of working fluid temperature at the preheater outlet on power generation and thermal efficiency for R-134a, R-123, and R245fa, respectively. Also, fig. 18 shows the effect of working fluid temperature at the preheater outlet on preheater effectiveness for these fluids. Figure 15 shows the effect of increasing the temperature of preheated working fluid on the generated power and thermal efficiency for R-134a. As it shown, by increasing temperature of preheating the produced power and thermal efficiency increases and remains constant, respectively. The maximum generated power was 28.71 kW with the working fluid temperature of 80°C at the end of preheating. Due to the preheater effectiveness value shown in fig. 18 , it was found that the maximum preheating temperature was limited to 71.11°C. Thus, the maximum generated power decreased to 25.2 kW, but thermal efficiency remained constant. Figure 16 shows the effect of increasing the temperature of preheated working fluid on the generated power and thermal efficiency for R-123. As expected, increasing the preheated fluid temperature increased the generated power. The maximum generated power was 43.5 kW with the working fluid temperature of 80°C at the preheater outlet; i. e. when the outlet working fluid was at the same temperature with the preheater inlet coolant fluid. But the preheater efficiency increases with the preheated fluid temperature. It was found, from fig. 18 , that the maximum preheated temperature of the mentioned liquid considering the allowable value of preheater effectiveness was 71°C. At this temperature which is the optimum temperature for preheated liquid, the values of generated power and cycle thermal efficiency were 41.25 kW and 17.76%, respectively. Figure 17 shows the effect of preheating on the generated power and thermal efficiency for R-245fa. For this liquid, the variations trends of generated power and thermal efficiency with increasing the preheated working fluid temperature were strictly--increasing and constant, respectively. Thus, the maximum generated power was 39 kW corresponding with constant thermal efficiency value of 14.8%. Referring to the preheater effectiveness value shown in fig. 18 , it was found that the maximum preheating temperature was limited to 70.6°C. Thus, the maximum generated power decreased to 36.26 kW, but thermal efficiency remained constant.
The results of optimizing the preheat configuration for the fluid temperature at preheater outlet were summarized in tab. 5 for R-134a, R-123, and R245fa. As observed in this table for preheat configuration, the highest power generation and thermal efficiency, and also the lowest required pumping power were related to R-123. Referring to tabs. 4 and 5 and comparing each fluid in both configurations, it was found that with R-134a as the working fluid, preheat configuration has better performance than two-stage configuration in the view of power generation and thermal efficiency. Applying preheat configuration also necessitates using less equipment. But with using the other two fluids, two-stage configuration has priority over preheat configuration in the view of power generation.
Hybrid produced power and reduction of fuel consumption
R-123 was used to investigate the hybrid power generation and fuel consumption reduction of the studied engine caused by applying both configurations with their operating engine speeds under full load; and the results were presented. The output power of both configurations versus the engine speed was shown in fig. 19 . It was observed that at the same engine speeds, the output power of two-stage system was greater than preheat configuration, and this difference increases with increasing the engine speed.
One of the results of co-generation is to economize in the fuel consumption. The reduction percentages of fuel consumption for both configurations were shown in fig. 20 . In both configurations, the greatest reduction of fuel consumption occurred at engine speeds of 1900 and 800 rpm, respectively.
Conclusions
In this paper, the amount of wasted heat from different parts of a 12 liter compression ignition engine and their potential for waste heat recovery were investigated. Then, two configurations were introduced for simultaneous heat recovery from exhaust gases and coolant. An optimization process was applied for the configurations in which the goal was to maximize the work generation and thermal efficiency for three different working fluids. It was found that in both cycles, the best performance was obtained when R-123 was applied as the working fluid. Also, it was observed that in the case of using R-134a as the working fluid in both configurations, the preheat configuration has better results. Although due to the mass flow rate limitation of working fluid, preheat configuration was unable to recover total wasted heat from coolant. Therefore, an air-cooled heat exchanger was required for coolant. Although, two-stage cycle absorbed the total heat of coolant; so the air-cooled heat exchanger was eliminated. Moreover, two-stage cycle generated 49.38 kW of mechanical power which was 16.4% greater than the corresponding value of preheat cycle (41.25 kW). The decrement of reduction of fuel consumption was also studied, as a consequent of using these systems for co-generation resulted in 11.73 and 13.56% reduction in fuel consumption. 
Nomenclature
